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a b s t r a c t
The study investigates the optimized and enhanced performance of combined displacement ventilation
(DV) and evaporative-cooled ceiling (ECC) using Maisotsenko cycle (M-cycle). The DV/ECC system efﬁciency is expected to improve by dehumidifying the supply air using solid desiccant (SD) dehumidiﬁcation
system regenerated by parabolic solar concentrator thermal source. Predictive mathematical models of
the conditioned space, SD and DV/ECC are integrated to study the performance of the proposed system
while utilizing an optimized control strategy for typical ofﬁces in moderate humid climate. The developed model was validated with experiments in a climatic chamber at certain supply conditions and ﬁxed
load. Good agreement was found between measured and predicted temperatures and loads removed,
with a maximum percentage error less than 6%.
A control strategy is adopted to determine optimal values of supply air ﬂow rate and temperature
and SD regeneration temperature while meeting space load, indoor air quality, and thermal comfort.
The system performance is optimized to get minimal energy cost for a typical ofﬁce case study in Beirut
climate and compared to the cost of using chilled ceiling displacement ventilation (CC/DV) system. The
use of the proposed system attained 28.1% savings in operational cost and electric power consumption
over the cooling season.
© 2015 Elsevier B.V. All rights reserved.

1. Introduction
People nowadays spend about 90% of their time in indoor spaces
[1]. This means that, unless indoor air is treated and fresh air is
supplied, people are subject to an unhealthy and uncomfortable
environment for prolonged periods. With increased demand of
fresh air, energy consumption increases in order to condition this
required fresh air. Under the fact that 60% of world-wide energy
produced is spent in residential buildings [2], the major concern in
buildings aims toward reducing energy consumption while maintaining comfort and good air quality.
Although conventional air conditioning systems rely on mixing
fresh and return air, these systems may not maintain a healthy and
comfortable indoor environment when high concentrations of pollutants are internally generated without enough supply of fresh air.
One of the air conditioning systems known for providing both thermal comfort and air quality at relatively low energy consumption
is the displacement ventilation (DV) system [3,4]. The DV system
provides the supply fresh air at low level and relies on buoyancy
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to drive the contaminants toward the ceiling level to be exhausted
[5]. By that, the space is divided into two regions; lower occupied
fresh and cool air region and an upper contaminated region above
the breathing level of occupants [6,7]. The two zones separated are
separated at stratiﬁcation height, which is the level at which the
rate of air entrained by the buoyancy plumes equals the supply ﬂow
rate. To ensure thermal comfort and prevent thermal drafts at the
occupied level, DV air conditioning systems supply air at temperatures not less than 18 ◦ C and velocities not more than 0.2 m/s [8].
These two restrictions impose a limitation on the ability of the DV
system to remove sensible loads higher than 40 W/m2 . Such limitations have encouraged researchers to consider using chilled ceilings
(CC) that aid the DV system in increasing the load removal capacity
to 100 W/m2 [9–11]. However, a CC/DV system consumes considerable energy to cool the ceiling and has the risk of condensation
taking place on the ceiling when adjacent air dew point temperature is higher than the ceiling temperature [12,13]. This leads to the
suggestion of a passive way to cool the ceiling without additional
energy consumption by using a novel evaporative-cooled ceiling
[14].
A study by Miyazaki et al. [15] investigated the thermal performance of a passive cooling device represented by a dew point
evaporative cooler, which uses the concept of the Maisotsenko
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Nomenclature
Symbols
CC
Cp
COP
DV
ECC
Echiller
gtmax
hfg
hm
h
Hmin
I
J
K1
K2
Pfan
Pchiller
PPDmax
Q
q̇
SD
T
U
W
w*
X

chilled ceiling
speciﬁc heat (J/kg K)
coefﬁcient of performance
displacement ventilation
evaporative-cooled ceiling
chiller thermal energy (kW)
maximum temperature gradient (◦ C/m)
latent heat of water (J/kg)
mass transfer coefﬁcient (m/s)
convective heat transfer coefﬁcient (W/m2 K)
minimum stratiﬁcation height (m)
objective cost function ($)
operational cost ($)
effective thermal conductivity of the heat transfer
plate (W/m K)
effective thermal conductivity of the ceiling
(W/m K)
fan power (kWh)
chiller power (kWh)
maximum percent people dissatisﬁed (%)
fan volumetric ﬂow rate (m3 /s)
radiative heat load (W/m2 )
solid desiccant
temperature (◦ C)
velocity (m/s)
humidity ratio (kg/kg)
humidity ratio of saturated air (kg/kg)
position (m)

Greek symbols
˛
weighing factor
channel height (m)
ı
ı1
effective thickness of the heat transfer plate (m)
ı2
effective thickness of the ceiling (m)
temperature difference of air in the room and ceiling
T
P
pressure rise in the fan (kPa)

density (kg/m3 )
Subscripts
a
air
c
ceiling
air in dry channel
d
gt
temperature gradient
stratiﬁcation height
H
P
heat transfer plate
PPD
percent people dissatisﬁed
r
room
working air in wet channel
w
1, 2
water absorbing sheets

cycle, integrated with a ceiling panel and a solar chimney. This
cooler takes the air from the room and then cools down due to
water evaporation after absorbing the heat from the air. Cooling
air under the Maisotsenko cycle results in having an air temperature that approaches the dew point temperature, rather than
approaching the wet bulb temperature which is higher for nonsaturated air [16,17]. Results of the study by Miyazaki et al. [15]
stated that the ceiling can remove 40–50 W/m2 of radiative cooling load without having a considerable increase in its temperature.
The performance of the novel evaporative-cooled ceiling depends
on different parameters, mainly on the humidity level in the air
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and the velocity of air passing through the ceiling [18–20]. Thus, in
order to make the use of evaporative-cooled ceiling a viable option,
dehumidiﬁcation of the supply air is needed. Desiccant wheel dehumidiﬁcation is used, where it utilizes the available solar energy to
regenerate the desiccant [21,22].
In contrary to conventional systems that rely on varying one
parameter to meet space loads, the presence of several parameters
that affect the performance of the proposed system (the humidity
level in the supply air, the DV ﬂow rate and temperature) gives reason to search for optimal values of these parameters that enhance
the system performance and minimize energy consumption. In the
study of Mossolly et al. [7], energy savings up to 15% were attained
when the optimized control strategy of varying all system parameters was applied instead of varying the chilled ceiling temperature
only. Optimal values of the different parameters can be found by
performing an optimization for the integrated system model that
gives the minimum energy cost of the system while maintaining
thermal comfort and air quality in the space.
In this study, the different systems including the DV/ECC and
the solid desiccant dehumidiﬁcation system that is regenerated
through solar collectors utilizing the renewable solar energy will
be integrated. The combined DV/ECC is validated through experiments conducted at certain DV supply conditions and space load.
The integrated model is optimized to provide comfort and good air
quality in the occupied zone at minimal energy cost for an ofﬁce
space in the city of Beirut. The energy consumed by the optimized
proposed system is compared to that consumed under a CC/DV air
conditioning system.

2. System description
The proposed integrated system applied in a hot and humid climate for space cooling is represented by a schematic in Fig. 1(a)
and the process was described on a psychrometric chart, showing the different states that supply and return air pass through,
in Fig. 1(b). The hybrid air conditioning system is composed of a
desiccant wheel, a sensible wheel, a cooling coil, a regenerative
coil, supply and exhaust fans, parabolic solar collectors, an auxiliary heater and an evaporative-cooled ceiling as shown in Fig. 1(a).
Basically, the fresh air fan draws outside air at point 1 and passes it
through a desiccant dehumidiﬁcation wheel for dehumidiﬁcation
which will result in an increase in the air temperature to reach point
2 as shown in Fig. 1(b). Then, the air stream is cooled by exchanging
heat with the exhaust air through the use of a sensible wheel, as
represented by the straight line of constant humidity ratio reaching point 3, in Fig. 1(b). After that, the air is further cooled by the
cooling coil to the desired supply temperature at point 4 and supplied to the space. Cool supply air enters the space at ﬂoor level and
removes the load from the space as it rises toward the ceiling due
to buoyancy forces as shown in Fig. 1(a). Consequently, the bottom
occupied zone contains the fresh cool air while the heated air due
to internal and external loads present rises to the ceiling level and
reaches state 5. Before leaving the space, the return air will pass
through a ceiling dry channel where the air gets cooled sensibly
reaching state 6 and then it passes through a wet channel to evaporatively lower the temperature of the ceiling, and by that gaining
humidity and heat to reach state 7 as shown in Fig. 1(b). The return
air is then used after heating it to state 8 by the sensible wheel and
then to state 9 by the regeneration coil for regenerating the desiccant. Finally, the humid air is exhausted to the atmosphere at state
10. The heat input needs of the regeneration coil for the SD dehumidiﬁcation are provided partly by parabolic solar concentrators
and by an auxiliary heater. The integration of the ECC with the DV
system limits the range of the supply temperature; i.e., point 4 on
the psychrometric chart in Fig. 1(b), between 18 ◦ C and 24 ◦ C. The
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Fig. 1. Plots showing (a) a schematic of the combined air conditioning system and (b) the corresponding description of system process on a psychrometric chart.

recommended range for the supply temperature ensures that the
system is able to remove the sensible load in the space while avoiding thermal discomfort. In addition to that, the SD dehumidiﬁcation
system combined with the DV/ECC system in this study has good
performance with regeneration temperatures ranging from 40 ◦ C
to 80 ◦ C.

3. Modeling methodology
In order to study the performance of the integrated DV/ECC/SD
system, mathematical models for different system components are
developed and integrated to be used in the formulation of the optimization problem. These models include the solar concentrator
storage tank with the regeneration coil models and the desiccant
wheel with the different heat exchanger models that are used to
get the space supply air conditions at each hour of system operation. Then, a DV space cooling model with the evaporative-cooled
ceiling model are integrated to predict the system load and the conditions of the space including the vertical temperature distribution
and the stratiﬁcation height (the height at which the density gradients in the rising air disappear and the heat source plume spreads
horizontally) [23].
After integrating and solving the different system models, the
energy consumed by the different system components (supply and
exhaust fans, auxiliary heater and cooling coil) is calculated and
optimized to give the minimum possible cost during each hour of
system operation while maintaining thermal comfort and good air

quality in the space. Genetic algorithm is a tool used for optimization and is efﬁcient for optimizing a system of multi-models that
are integrated and undergo some constraints to get the minimum
objective cost function [24]. The genetic algorithm optimizer will
search for the optimal values of the following operational variables:
• Regeneration temperature
• Space supply air ﬂow rate
• Space supply air temperature
3.1. Mathematical models
3.1.1. Displacement ventilation and space model
A space model will be needed to evaluate the DV/ECC system’s
performance. The space model should be capable of predicting the
indoor air temperature for given internal loads, outdoor ambient
conditions and building envelope material. The physical model of
the DV plume-multi-layer thermal space of Ayoub et al. [23] is
adopted. The model assumes air movement in the vertical direction dividing the space into several horizontal layers as shown in
Fig. 1. In each layer, the model takes into account the different ﬂow
rates for the wall plume, heat source plume, and the surrounding
air on the upper and lower sides of the air layer. The building envelope consists of walls with multi layers divided into a number of
nodes to model the temperature distribution along the wall layers. The wall model with the wall and source plume models were
integrated to predict the stratiﬁcation height in the space and the

M. Itani et al. / Energy and Buildings 105 (2015) 26–36

vertical distribution of the internal air temperatures, as a function
of the ceiling temperature predicted from the evaporative-cooled
ceiling model and space air supply conditions.
3.1.2. Evaporative-cooled ceiling mathematical model
As shown in Fig. 2, the upper space warm air is directed to pass
through a dry channel to decrease its temperature without adding
any humidity to the air, and then reversing its ﬂow to pass through
a wet channel [25,26]. To predict the air temperature variation and
ceiling temperature, different energy balance equations are derived
for both channels using the development of Miyazaki et al. [15]
which neglects the temperature gradient across the heat transfer
plate, the water sheets, and the ceiling. It also assumes that the
heat gain through the roof is negligible since the top side of the dry
channel is insulated.
The energy balance for the air in the dry and wet channels are
given respectively by
{Cp uı/h}d (dTd /dx) = (Tp − Td )

(1)

{Cp uı}w (dTw /dx) = h1 (T1 − Tw ) + h2 (T2 − Tw )

(2)

The right terms of Eqs. (1) and (2) represent the net convective heat
ﬂow in the dry and wet channels respectively. The parameters hd
and h1 and h2 represent the convective heat transfer coefﬁcients
in the dry and wet channels, respectively, and ıd and ıw represent
the channel heights of both dry and wet channels, respectively.
The heat transfer coefﬁcients inside both channels were estimated
by the Nusselt number of a fully developed ﬂow in rectangular
shape channels [15]. The left hand side of Eq. (1) represents the
heat exchange in the dry channel, while the left hand side of Eq. (2)
represents the heat exchange with the two sides of the wet channel.
Energy balance of the upper and lower water sheets are given
respectively by
h1 (Tw − T1 ) + d hm1 hfg (w − w∗ ) =
h2 (Tw − T2 ) + d hm2 hfg (w − w∗ ) =

K 
1

ı1

K 
2

ı2

(T1 − Tp )

(3)

(T2 − Tc )

(4)

In Eq. (3), the upper water sheet exchanges heat with the plate and
exchanges sensible and latent heat transfer with the ﬂowing air.
Similarly, in Eq. (4) the lower water sheet exchanges conduction
heat transfer with the ceiling plate and sensible and latent heat with
the ﬂowing air. The terms T1 and T2 represent the temperatures of
the two water sheets in the wet channel. Tc is the chilled ceiling
temperature and hfg is the latent heat of vaporization. The term w*
represents the humidity ratio of saturated air at temperature Tw ,
and hm1 and hm2 represent the convective mass transfer coefﬁcients
with the two sides of the wet channel and found using the Lewis
number.
The mass balance of the air in the wet channel is given by
dw/dx = [(hm2 + hm2 )/{uı}w ](w∗ − w)

(5)

The right hand side of Eq. (5) represents the net convective ﬂow of
moisture in the wet channel and the left hand side represents the
moisture exchanges with the two water sheets of the wet channel.
The energy balance for the plate separating the wet and dry
channels is given by
hd (Td − Tp ) +

K 
1

ı1

(T1 − Tp ) = 0

(6)

The ﬁrst left term in Eq. (6) represents the heat transfer with the
dry air and the second term represents the conductive heat ﬂow
with the water sheet, where K1 and ı1 represent the effective plate
thermal conductivity and plate thickness respectively.
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The energy balance of the ceiling is given by

K 
2

ı2

(T2 − Tc ) + hc (Tr − Tc ) + q̇ = 0

(7)

The ceiling exchanges heat with the water sheet of the wet channel
in Eq. (7) as well as convective and radiative heat transfer with
the space. The terms K2 and ı2 represent the effective ceiling plate
thermal conductivity and ceiling thickness respectively. The terms
hc and Tr represent the convective heat transfer coefﬁcient between
the air near the ceiling and the ceiling surface and the temperature
of air near the ceiling, respectively.
3.1.3. Desiccant model
The desiccant machine consists of a rotary wheel divided into
two sections for two counter-ﬂow air passages. In one passage, the
hot dry air regenerates the desiccant and is then exhausted to the
outside, and in the other passage, the air is dehumidiﬁed before
being cooled and supplied to the cooled space. For the desiccant
wheel, the models developed by Beccali et al. [27] and used by
Hourani et al. [28] are implemented. This simple model offers the
added option of calculating the air characteristics (enthalpy and
relative humidity) even when the volume air ﬂow ratio between
supply and regeneration side differs from one. However, the range
of variation of the different model parameters is as follows:
a. Regeneration temperature ranges between 40 ◦ C and 80 ◦ C.
b. Regeneration air humidity ratio varies between 10 g/kg and
16 g/kg.
c. Inlet air temperature ranges between 20 ◦ C and 34 ◦ C.
d. Inlet air humidity ratio ranges between 8 g/kg and 15 g/kg.
3.1.4. Solar concentrator storage tank model
In order to utilize the available solar radiation, parabolic solar
concentrators are used to provide hot water for heating the air that
regenerates the desiccant [29]. The model developed by Dufﬁe and
Beckman [30] was used to estimate the useful heat gain by the
antifreeze solution ﬂowing in the solar collector. This heat gain
depends on the aperture and receiver area of the collector, the heat
removal factor and heat transfer loss coefﬁcient of the collector,
the temperature of the antifreeze solution that ﬂows in the collector and the temperature of ambient air. The model is also used to
ﬁnd the transient water temperature in the hot water storage tank.
The transient water temperature depends on the volume and surface area of the tank, the heat lost from the tank, the useful heat
gained by the solar collector and the ambient air temperature.
3.2. Optimization tool
The variables that are used by the genetic algorithm optimizer to
reach minimum energy consumption in this study are the regeneration temperature, supply air ﬂow rate and supply air temperature
[24]. The objective function I representing the operational cost of
the system for a given time is given by


I = ˛f Jfans + ˛h Jheater + ˛c Jcooling + ˛H JH + ˛gt Jgt
+ ˛PPD JPPD

J

J

(8)

J

where Jfans , Jheater , Jcooling , H , gt and PPD represent the fan energy
cost (W), the auxiliary heater energy cost (W), the cooling coil
energy cost (W), the stratiﬁcation height constraint, the temperature gradient constraint and the percent people dissatisﬁed
constraint, respectively.
The stratiﬁcation height constraint term J H represents the normalized deviation from the minimum stratiﬁcation height set by
the constraints and is given by
JH = exp

H

min

H



−1

(9)
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Fig. 2. Schematic of the ceiling setup.

The exponential term helps to penalize the cost function each time
the stratiﬁcation height in the room H decreases below the minimum set value Hmin . This will increase the value of the cost function
radically and the set of variables at hand is rejected [31,32].
Similarly, Eqs. (10) and (11) permit taking into consideration
the maximum allowed temperature gradient and percent people
dissatisﬁed [31], respectively, to ﬁnd their corresponding cost as
follows:

Jgt

= exp

 gt 


JPPD
= exp

gtmax

−1

 PPD 
PPDmax

(10)
−1

(11)

The coefﬁcients ˛f , ˛h , ˛c ˛H , ˛gt and ˛PPD represent the fans weighing factor ($/W), the auxiliary heater weighing factor ($/W), the
cooling coil weighing factor ($/W), the stratiﬁcation height weighing factor ($), the temperature gradient weighing factor ($) and the
percent people dissatisﬁed weighing factor ($), respectively. The
different coefﬁcients are selected in order to ensure meeting the
constraints that are set on the system, which are given by
• Temperature gradient in the occupied zone <2.5 ◦ C/m
• Stratiﬁcation height >1.1 m
• Percent People Dissatisﬁed <10%
3.3. Solution methodology
The sequence of operation of the integrated system is represented by the ﬂow chart in Fig. 3. The genetic algorithm optimizer
selects values for the different variables; regeneration temperature,
supply air ﬂow rate and temperature. The selected variables, the
outdoor weather conditions (solar radiation, ambient conditions,
etc.), the space dimensions and the internal heat loads are required
as inputs to the different system models.
Starting with arbitrary values for the different temperatures
of the integrated model, the solar concentrator storage tank with
the regeneration coil models are used to get the regenerated air
conditions and the energy consumed for regeneration, where the
regenerated air is then cooled and supplied to the space. The space
model ﬁnds the internal surface temperatures and the load subjected to the ceiling in order for the ceiling model to ﬁnd the ceiling
temperature. Then, the updated temperatures are used to solve for
the energy balance of each air layer. The coupled mass and energy
equations are discretized into algebraic equations using the ﬁnite
volume method and solved using the implicit scheme. Once convergence, set to 10−6 , is reached the temperature distribution in
the space is determined as well as the energy performance of the
system. Then, the optimizer will check if the system under the

selected variable values meets the constraints of thermal comfort
and good air quality. After that, the objective cost function is calculated and the whole procedure, from selecting variable values till
ﬁnding the cost function, is repeated until the optimal values of
the variables are found that give the minimum cost function while
meeting indoor air quality and thermal comfort.
4. Experimental methodology for validation of DV/ECC
system model
The validation of the integrated evaporative-cooled ceiling and
displacement ventilation model is carried out in this study to validate the air temperatures predicted at different heights in the space,
the ceiling and average wall temperatures, the humidity ratio of air
exhausted by the system and the sensible load that can be removed
by the system.
Experiments were carried out in a climatic chamber, shown
in Fig. 4(a), consisting of the displacement ventilation and
evaporative-cooled ceiling system, where a supply grill is located
on the east wall at ﬂoor level and an exhaust grill is connected to
the outlet of the ceiling setup as shown in Fig. 4(b). The displacement ventilation system can be operated without integrating the
evaporative-cooled ceiling by manually opening a hinge allowing
the DV air to be exhausted to the atmosphere instead of entering
the ceiling setup when the hinge is closed, as shown in Fig. 4(a). The
chamber has a ﬂoor area of 5.56 m2 and a height of 2.8 m, where all
the walls are insulated using Styrofoam boards to prevent the effect
of solar radiation. The ECC is made up of commercial galvanized
steel material as shown in Fig. 5(a), and the top of the dry channel as well as its sides are insulated using ﬁberglass to avoid any
heat exchange. The Styrofoam boards and the ﬁberglass used for
insulating the walls and the ceiling setup, respectively, are shown
in Fig. 5(b). The ceiling setup has an area of 5.56 m2 and the height
of each the dry channel (ıd ) and the wet channel (ıw ) illustrated in
Fig. 2, is equal to 3 cm. The two absorbing sheets in the wet channel
are made up of cotton fabric of high wicking capacity and are ﬁxated
to the galvanized steel structure via a metallic mesh as represented
in Fig. 5(a).
The temperatures of the air in the chamber were measured at
different heights (0.5 m, 1.1 m and 2 m), at the supply grill level and
at the inlet and exhaust to the ceiling setup using OM-EL-USB-2 sensors (see Fig. 5(b)). The DV supply air and ceiling exhaust air relative
humidity were measured using OM-EL-USB-2 sensors. These sensors have an accuracy of ±0.5 ◦ C in reading the temperatures and
±3% in reading relative humidity. The temperature of the ceiling
and the different walls were measured using K-type thermocouples
connected to OM-DAQPRO-3500 data logger (shown in Fig. 5(b))
set to take a reading at every minute. The supply air velocity was
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Fig. 3. Flowchart showing the sequence of operation.

measured using 731 A anemometer with an accuracy of 3% in reading the velocity.
The supply fan delivers air at a ﬁxed ﬂow rate of
0.118 m3 /s ± 0.00354 and the experiment was done at a ﬁxed
supply temperature and relative humidity of 21 ◦ C ± 0.5 ◦ C and
50% ± 3%, respectively. The sensible load in the chamber was set
at 300 W using three metallic cylinders of 0.3 m diameter and
1.1 m height, each equipped with a 100 W heat source, as shown
in Fig. 4(b). The experiment was carried out for the displacement
ventilation system operating without the evaporative-cooled
ceiling and then followed by the integration of the ceiling
setup, so that validation can be done to both the DV system
and the integrated one after reaching quasi-steady state conditions. In order to perform the simulations and validate the
model, the same inputs of the experiments are taken, which
are the supply air ﬂow rate, temperature and relative humidity
and the sensible load present in the space with all the walls
being insulated. The DV and DV/ECC experimental load can
be calculated from the enthalpy difference of the air entering
and leaving the space multiplied by the supply air ﬂow rate,
where the maximum error in estimating the load removed by
the DV system and the DV/ECC system was ±10 W and ±12 W
respectively.

5. Results and discussion
5.1. Model validation results
The experimental and simulation results predicted by the DV
model and by the integrated DV/evaporative-cooled ceiling model
for the room air temperatures at different heights, the ceiling
and average wall temperatures, the humidity ratio of exhaust air
and the load removed by the systems are shown in Table 1. The
experimental measurements found take into consideration the
uncertainties in the measuring sensors.
In regard to the DV system results, the vertical temperature variation shows an increasing trend toward the ceiling level and was
23.11 ◦ C at the height of 1.1 m representing the occupied level. The
ceiling temperature measured was 22.71 ◦ C, the average wall temperature was 22.73 ◦ C and the experimental load removed by the
DV system was estimated at 305 ± 10 W. In regard to the integrated
system results, the room air temperatures measured had lower values than that of the DV system and the temperature at 1.1 m was
22.9 ◦ C. The trend in the vertical temperature variation was different from the DV system and showed a decrease in the room
temperature above the height of 2 m due to the cooled ceiling that
has a temperature of 19.27 ◦ C, which is about 15% less than the
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Table 1
Experimental and model predicted values at 0.118 m3 /s supply ﬂow rate, 21 ◦ C supply temperature, 50% supply relative humidity and internal sensible load of 300 W.
Temperature

DV experiment

Troom at 0.5 m (◦ C)
Troom at 1.1 m (◦ C)
Troom at 2 m (◦ C)
Tceiling level (◦ C)
wexhaust (g/kg)
Tceiling (◦ C)
Twall avg. (◦ C)
Load removed (W)

22.31
23.11
23.13
23.16
8
22.71
22.73
305

±
±
±
±
±
±
±
±

0.5
0.5
0.5
0.5
0.27
0.5
0.5
10

DV simulation

Integrated experiment

22.10
22.91
23.01
23.11
8
22.64
22.65
300

22.07
22.90
22.69
21.89
9
19.27
22.21
306

±
±
±
±
±
±
±
±

0.5
0.5
0.5
0.5
0.27
0.5
0.5
12

Integrated simulation
21.88
22.77
22.57
21.70
9
19.07
21.01
300

Fig. 5. Plots of (a) the experimental setup of the evaporative-cooled ceiling under
construction and (b) pictures of the data logger, temperature and humidity sensor
and insulation material.

Fig. 4. Plots showing (a) a schematic of experimental chamber and (b) the experimental DV/ECC room.

ceiling temperature obtained under the DV system. The load
that was removed by the integrated system was estimated at
306 ± 12 W. The evaporative-cooled ceiling in the integrated system was capable of removing about 59% of the total load removed
by the system. It is noticed that good agreement is found between
the measured and predicted values under both systems, where the
maximum percentage error in predicting the temperatures and the
load is 5.71% and 6%, respectively.
5.2. Case study
With a validated simulation model, the proposed optimization
procedure for the integrated novel evaporative-cooled ceiling and
DV system can then be applied to a case study represented by an

ofﬁce space located in Beirut. The outdoor weather conditions (outdoor air temperature and humidity ratio) for Beirut on July 21st [33]
are shown in Fig. 6, as well as the solar radiation on that day [33]
shown in Fig. 7. The electric power consumption of the optimized
system is calculated and compared to that of the CC/DV system having the same chilled ceiling temperature for every hour of operation
[7].
The case study considered is an ofﬁce that has a 6 m × 5 m ﬂoor
dimensions and a height of 2.8 m. It consists of one exposed wall on
the south façade and the remaining walls along with the ﬂoor are
partitioned with conditioned spaces. The walls are assumed to have
the same envelope material with an overall heat transfer coefﬁcient
similar to typical construction practices in Lebanon and are divided
into 17 discrete nodes of 0.01 m spacing. The internal sensible load
schedule for a typical day in the ofﬁce is shown in Fig. 7. The maximum number of occupants is 6 and the space is occupied from 7
a.m. till 7 p.m., where the latent load due to moisture generation
from occupants is 2 × 10−5 kg/s/person. The total sensible load that
the system should remove includes not only the internal one but
also the external load so that it reaches a peak of 61 W/m2 , which
is greater than the ability of the DV system to remove unaided.
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Fig. 6. The variation of the outdoor air temperature and humidity ratio for Beirut on July 21st.

Fig. 7. The variation of the solar radiation on July 21st and the schedule of internal sensible load for a typical day in the ofﬁce.

Table 2
Parabolic solar concentrator speciﬁcations.
Parameter

Value

Length
Width
Absorber diameter
Thermal conductivity of tube
Wall thickness of tube
Speciﬁc heat of ﬂuid in collector (water)

2.4 m
1.2 m
0.06 m
16 W/m ◦ C
0.05 m
4186 J/kg ◦ C

In order to utilize the available renewable solar energy,
parabolic solar concentrators are used to provide heat needed for
regenerating the solid desiccant. Two parabolic solar concentrators are used and each is selected to have a length of 2.4 m and a
width of 1.2 m, with more speciﬁcations about the collectors shown
in Table 2. The solar concentrators are connected to a hot water
storage tank having a volume of 0.4 m3 and an auxiliary heater to
provide the heat needed for regenerating the solid desiccant. The
solar concentrators and storage tank occupy not more than 25% of
the roof area and are selected to provide a high solar fraction value
in order to gain as much heat as possible from the solar radiation
incident on the solar concentrators.
Optimizing the operation of the integrated system will start
from the ﬁrst occupied hour (7 a.m.) till the last occupied one (7
p.m.). The genetic algorithm optimizer sets values for the supply air ﬂow rate and temperature and regeneration temperature.
Then it ﬁnds the corresponding energy cost under these values and
checks for the constraints of thermal comfort and air quality during
each hour of occupation. This step is repeated until the optimizer

ﬁnds the set of variables that meet the constraints with the minimal possible energy cost. The genetic algorithm optimizer main
options were selected to have a population size equal to 60; 20
times the number of variables; a crossover fraction equal to 0.6
and a tolerance value of 10−4 . During unoccupied hours, ventilation of the space and cooling and dehumidiﬁcation of the supply
air are not applied; however, simulation is done in order to get the
initial space temperatures, the humidity levels, and storage tank
temperature conditions. The searching range for the optimal supply air ﬂow rate value is between 0.1 and 0.2 m3 /s so that thermal
drafts can be avoided in the occupied space, for the optimal supply
air temperature is between 18 and 24 ◦ C and optimal regeneration temperature between 40 and 80 ◦ C. Simulation for the system
is done for the whole cooling season represented by ﬁve months,
from June to October, where the 21st of each month is taken as
representative of that month [33].
The outdoor setup made up of the solid desiccant dehumidiﬁcation system and the cooling coil will be common for the proposed
and the CC/DV system. The chilled ceiling in the CC/DV system will
be modeled as a constant temperature that could be varied hourly
throughout the day. The supply air ﬂow rate and temperature can be
also varied to calculate the corresponding electric power consumption by the different system components (fans, auxiliary heater and
chiller). The electric power consumed by the supply and exhaust
fans (Pfan ) can be calculated as follows:

Pfan =

Q × P
fan

(12)
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Fig. 8. The hourly optimal values of the supply air ﬂow rate and supply, regeneration and ceiling temperatures.

where Q is the fan volumetric ﬂow rate, P is the pressure rise in
the fan and nfan is the fan efﬁciency equivalent to 80% as typical for
such applications. The auxiliary heater electric power consumption
is estimated to be the same as its thermal energy consumption, so
having an efﬁciency of 100%. Finally, the electric power consumed
by the chiller (Pchiller ) is calculated as follows:
Pchiller =

Echiller
COP

(13)

where Echiller is the thermal energy consumed by the chiller and
COP is the coefﬁcient of performance of the chiller with a value of
3.5.
After performing optimization for the case study, hourly results
of the total energy consumed are obtained. In order to assess the
performance of the proposed system, the operating conditions,
ceiling temperature and space comfort and air quality conditions
obtained by the proposed system are used to simulate the energy
performance when the ceiling is cooled by a conventional chiller.
On July 21st, following the load proﬁle shown in Fig. 7 and
following the transient outdoor conditions, the proposed system
optimization results showed changes at every hour of system operation for the supply air ﬂow rate and temperature and regeneration
temperature. These optimized values allow for space cooling while
meeting the constraints of thermal comfort and air quality at minimum cost of operation. Fig. 8 presents the hourly optimal values
of the supply air ﬂow rate and temperature and regeneration temperature as well as the ceiling temperature. The simulation results
of the hourly load removed by the DV system and the total load
removed by the system are shown in Fig. 9 while the simulation
results of the hourly optimized electrical consumption of the auxiliary heater, fans and cooling coil are shown in Fig. 10.
During the early hours of operation, hours 7–9, both sensible
and latent loads are low and the outdoor temperature and humidity ratio are relatively low (23.1–25.1 ◦ C and 11.6–12.6 g/kg). The
optimizer selected low values of supply ﬂow rate and high values of supply air temperature to meet the corresponding sensible
load in the space. Moreover, the optimizer selected low values of
regeneration temperature resulting in no electric consumption by
the auxiliary heater, since the available solar energy and the lower
outdoor humidity ratio made the solar collectors provide sufﬁcient
heat to regenerate the desiccant.
In the following hours, hours 10–15, both sensible and latent
loads reached their peaks and the outdoor temperature and humidity ratio reached their highest values of 30.5 ◦ C and 16.1 g/kg,
respectively. The optimizer showed an increasing trend in the

Fig. 9. The hourly variation of the load removed by the DV system and the total load
removed by the system.

Fig. 10. The hourly variation of the electric power consumption of the auxiliary
heater and the proposed system.

supply ﬂow rate and a decreasing one in the supply temperature,
allowing the system to remove the higher sensible loads, and it
showed an increasing trend in the regeneration temperature, with
increased loads, to remove the higher latent load in the space. As
a result, the electric power consumption had an increasing trend
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due to the additional fan power and additional cooling to low supply temperatures. In addition, the available solar energy was not
enough to increase the storage tank temperature and provide the
system with the higher regeneration temperature so the power
consumed by the auxiliary heater increased.
After hour 15, the occupancy level decreased, reducing the
internal sensible and latent loads, and the outdoor temperature
and humidity ratio decreased as well. In response to the previous
changes, the optimizer selected lower values of supply ﬂow rate,
higher values of supply temperature and lower values of regeneration temperature to remove the lower loads in the space. Thus, the
electric power consumption of the system had a decreasing trend in
the late hours of operation. It is noted that during all hours of operation, thermal comfort and good air quality measures (stratiﬁcation
height, temperature gradient and percent people dissatisﬁed) were
satisfying the requirements. The trend for the ceiling temperature,
shown in Fig. 8, was observed to be almost constant throughout
the hours of operation and having an average value of 20.38 ◦ C.
This implies that the optimizer selected the variables that allow
removing the additional sensible and latent load from the space
during peak loads without having a decrease in the performance of
the ceiling.
In order to support the ﬁndings for the trends of variation of the
different optimal parameters (supply ﬂow rate, supply temperature
and regeneration temperature), a comparison is performed with
previous studies [28,32] that integrate the solar-assisted solid desiccant dehumidiﬁcation system, implemented in this study, with a
personalized evaporative cooler instead of the evaporative-cooled
ceiling used in this study. The study by Hourani et al. [28] and
by Hammoud et al. [32], implemented an optimization procedure
using genetic algorithm for an air conditioning system that combines the desiccant dehumidiﬁcation system with a personalized
evaporative cooler. The case studies considered were similar ofﬁce
spaces having a schedule of occupancy for a typical day in the ofﬁce
in Beirut city. In both studies [28,32], hourly optimized values for
the regeneration temperature and supply air mass ﬂow rates were
provided as well as hourly values of the supply air temperature.
The trend of variation of the regeneration temperature agrees with
the ﬁndings of this study, where relatively high regeneration temperatures are found during hours of peak latent loads in order to
satisfy the requirements of good air quality and thermal comfort in
the space. Moreover, the trend of variation of the supply air temperature and ﬂow rate in this study also agrees with those found
in the studies of Hourani et al. [28] and Hammoud et al. [32]. The
variation of the supply ﬂow rate had an increasing trend reaching
peak values at peak load hours and a decreasing one as the sensible load in the space decreased. In addition to that, relatively low
supply temperatures were attained at peak loads.
The sensible load removed by the evaporative-cooled ceiling in
kW during each month of the cooling season is shown in Fig. 11.
The load removed by the ECC varied throughout the cooling season
where it was found to be 164.1 kW, 187.5 kW, 207.6 kW, 173.1 kW
and 150.3 kW representing 40.7%, 42.9%, 43.7%, 41.36% and 38.5% of
the total load removed by the DV/ECC system during the months of
June, July, August, September and October respectively. It is noticed
that the highest load removed by the ECC was in August during
which the external load reaches its peak and it was equivalent to
207.6 kW. The ECC was able to remove additional load in August
due to the higher solar radiation available in comparison to the
remaining months, so the integrated system was able to use the
additional heat to regenerate the desiccant. Therefore, more dehumidiﬁcation of the supply air was possible causing the ECC to have
a lower ceiling temperature and remove more sensible load from
the space.
Knowing that the ECC has no added electric power consumption
on the DV system and after replacing the evaporative-cooled ceiling
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Fig. 11. The load removed by the ECC (kW) during each month of the cooling season.

with a chilled ceiling cooled by a conventional chiller having a COP
of 3.5, the savings in electric power consumption attained were
104 kWh, 132 kWh, 147 kWh, 117 kWh and 90 kWh during June,
July, August, September and October respectively. The highest savings were in August and equivalent to 147 kWh and the total savings
during the cooling season were 590 kWh, representing 28.1% of the
CC/DV system electric consumption.
In order to ﬁnd the savings in dollar value of the proposed system
over the CC/DV system, the operational cost of the two systems is
considered. The DV/ECC and DV/CC systems were assessed to have
a comparable initial cost. Previous studies have extensively compared the cost of using a CC/DV system over a conventional mixed
convection air conditioning system. Ayoub et al. [23] considered a
case study in Beirut represented by a 50 m2 ofﬁce space having a
peak internal sensible load of 60 W/m2 . The ofﬁce space was cooled
by the CC/DV system and the cost of using this system, in terms of
initial cost and operational cost, was compared to the conventional
system that supplies 100% fresh air in order to attain similar indoor
air quality and thermal comfort. The ﬁndings of the study showed
higher initial costs of the CC/DV system, but the payback period
obtained was less than 5 years. Another study was implemented by
Bahman et al. [13] represented by a 5 m × 10 m × 3 m ofﬁce space
that considers the effects of transient weather changes on a hot
summer day in Kuwait. The ﬁndings of the study showed that using
the CC/DV system consumed 53% less cooling energy than the conventional system supplying 100% fresh air over the cooling season.
The study also observed higher initial cost for the CC/DV system,
but the payback period was less than 3 years. In order to calculate
the operating cost of the proposed system in this study, the electric
cost in Beirut City is estimated at 0.15 $/kWh. Thus, the operational
cost over a period of 5 months of cooling per year for the proposed
DV/ECC system is $227.5, whereas that of the CC/DV system is $315,
so the savings per year when using the proposed system is $88.5 or
28.1% of the CC/DV operating cost. In addition to that, other possible
savings can be attained when using the proposed DV/ECC system
due to a lower chiller size; instead of a bigger one that provides
chilled water for the CC/DV system.
6. Conclusion
A genetic algorithm optimization procedure for a combined displacement ventilation novel evaporative-cooled ceiling system is
developed in order to enhance cooling by the DV system with
minimum energy consumption. The procedure ensures meeting
the constraints of thermal comfort and good indoor air quality in
spaces. The optimized system is applied to a typical ofﬁce space in
Beirut where its electric power consumption is compared with that
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of a CC/DV system resulting in the same thermal comfort level. The
use of the proposed system was shown to be viable and cost effective with savings reaching 28.1% in operational cost and electric
power consumption over the cooling season.
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